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ABSTRACT

This paper presents the rotordynamic stability testing of a
nine-stage centrifugal compressor used for hydrogen recycle
service. The machine tested was of a basic design and employed no
damper bearings, damper seals, shunts or swirl brakes to generate
very high logarithmic (log) decrements as in previous papers. The
test was performed using an electromagnetic shaker as part of the
shop order. Results include the forward and backward mode’s
stability and frequencies. Two log decrement estimation techniques
were employed: One based in the time domain that does not require
measurement of the shaker force and the classic ones based in the
frequency domain.

Examination of the results benchmarks the original
equipment manufacturer’s (OEM’s) stability analysis methods
versus the measurements. It also provides benchmarking of the
purchaser’s acceptance criteria, which can be tailored to each
specific OEM.

INTRODUCTION

Rotordynamics analysis of turbomachinery is required to ensure
reliable operation of machinery, and to meet contractual requirements
specified by the user. These contractual requirements are typically
based on the API standards and upon the user’s experience. 

In the case of stability analysis, API Level 1 standards require a
minimum predicted log decrement of 0.1 based on modified Alford
cross-coupling values and synchronously reduced tilting pad
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bearing coefficients. The API Level 2 method is used when the
Level 1 screening criteria are not met; however, the resulting
predictions are subject to variation depending on the techniques
and programs used (Kocur, 2007). Differing analytical approaches
by the OEMs and lack of quantitative benchmarking create
uncertainty in the log decrement stability numbers.

From the OEM’s standpoint, these uncertainties can lead to
increased conservatism that may sacrifice aerodynamic performance
and price requiring the use of additional components and
specialized seals where they might not be required. From the
user’s standpoint, these uncertainties may give rise to user
specifications beyond the API standard, and creates difficulties
during the proposal stage with respect to comparison of the
theoretical log dec numbers different OEMs present. In many
instances, because of these predictive uncertainties and the critical
nature of the machinery, users may also elect to incur costly
time-intensive PTC-10 Type I tests at full speed, power and gas
density, to expose instability problems before reaching the field.
Unfortunately, these tests often do not provide definitive answers
regarding a machine’s stability performance. Furthermore,
stability levels and thresholds usually are not measured. As a
result, no correlation to analysis predictions is available and the
machine’s stability margin remains unknown. 

A cost and technically effective alternative is to conduct stability
verification using nonsynchronous forced excitation applied
during a mechanical run test, and a PTC-10 Type II performance
test. Such testing is directly analogous to the API unbalance
response verification test, where measured unbalance response is
used to assess the accuracy of the rotordynamic model’s unbalance
response prediction. Stability testing can therefore be considered a
further verification; in this case of the rotordynamic model’s
stability prediction, which allows further assessment of both the
machine to be placed into service and of the methods used for
design. This paper provides details of such testing using an
electromagnetic shaker on a barrel type compressor.

Objectives

The primary objective of the test was to ensure reliable stable
machines for the end user. Several additional objectives were the
following:

• Benchmark the OEM’s empirical method of stability analysis
versus the measurements

• Benchmark the purchaser’s acceptance criteria, which can be
tailored to each specific OEM

Selecting a Compressor to Test

Seven compressors were part of the overall group order, all of
which were well within the manufacturer’s experience. The
compressor stability was evaluated using a conservative
modification of the API criterion as requested by the end user.
This method utilized nonsynchronous tilt pad bearing coefficients
and required either a log decrement of 0.2 or verification by
stability testing. Normal aerodynamic cross-coupling was
applied as based on the API Level 1 or Level 2 methods.
Application of cross-coupling was performed as shown in Figure
1. The API Level 1 method applies a cross-coupling value at the
compressor midspan based on a modified Alford’s equation. The
API Level 2 method applies stiffness and damping values at each
compressor seal based on program prediction at each seal
location. The Elliott Empirical Method, which will hence be
referred to as EEM, applies cross-coupling values at each
impeller as determined from empirical methods (DeChoudhury,
2004) and also utilizing nonsynchronous tilt pad bearing
coefficients (Pettinato and DeChoudhury, 2002). This empirical
method had its start in the 1970s (Sood, 1979), and evolved to its
present day form, which has recently been benchmarked to the
OEM’s complete fleet of equipment.

Figure 1. Application of Theoretical Cross-Coupling.

The group of compressors along with their gas densities, critical
speed ratios (CSR), and log dec values are listed in Table 1. Figure
2 provides a plot of CSR versus gas density, which is used as one
of the criterion for Level 1 screening. Region A is a low risk region
where an API Level 1 stability analysis may be considered
adequate if all other screening criteria allowing for its use are met.
Region B is a higher risk region where an API Level 2 stability
analysis is typically required.

Table 1. Stability Parameters for the Group of Compressors.

Figure 2. Level 1 Screening Criteria.

Based on the results presented in Table 1, five out of the seven
compressors required stability testing. However, since the stability
test was the OEM’s first, there was concern that such testing and
hardware requirement could negatively impact the overall
schedule. Consequently, only the compressor with the lowest
anticipated stability was selected to be tested, which was a
mutually agreed deviation to the purchaser’s specification.

Overall, the unit with the highest risk was considered to be the
E255 compressor due to its having the lowest predicted logarithmic
decrement. Modification of the unit was required to accommodate
the hardware used for electromagnetic excitation. This modification
consisted of an extended thrust end overhang such that a laminated
sleeve could be installed and electromagnetic shaker could be
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attached to the outboard end of the unit. The modification resulted
in a very modest change to the dynamic properties of the unit as
indicated in Table 1.

Compressor Description

The E255 compressor is shown in Figure 3. This centrifugal
compressor was a nine-stage barrel design, used for hydrogen
recycle service. The gas mixture consisted of 78.5 percent hydrogen
with mixed hydrocarbons entering the inlet. The rotor was
supported on five-shoe spherically seated tilt pad journal bearings
with load between pad configuration, and a high 60 percent offset
pivot. The high pivot offset was used to ensure low operating metal
temperature in accordance with the contract. Thrust bearings
were a 15.3 square inch low profile leading-edge-groove (LEG)
design. Compressor specifications are provided in Table 2. Bearing
specifications are provided in Table 3.

Figure 3. E255 Compressor.

Table 2. Compressor Specifications.

Table 3. Bearing Specifications.

Aerodynamically, there were nine stages of compression prior to
discharge. The impeller eye seals, interstage shaft seals, and
balance piston seal were all designed using close clearance
abradable labyrinth materials. Each of these seals will exhibit
dynamic characteristics comprising principal stiffness and
damping as well as destabilizing cross-coupled stiffness during

actual operation. Dry gas seals were employed at the end seal
locations. The compressor’s aerodynamic and rotordynamic
stability characteristics are discussed in additional detail in the
“EXPERIMENTAL RESULTS” section.

Theoretical Stability

Three methods of stability analysis are presented in Figure 4:
API Level 1, API Level 2, and EEM stability analysis for the
minimum clearance bearing condition. The three methods yield
different levels of conservatism, which is dependent on the
specific compressor and conditions of operation. For this specific
compressor, all analyses indicated a stable compressor at 1×
aerodynamic cross-coupling for the various methods of calculation.
The API Level 2 method, which includes principal damping
characteristics at each seal in addition to cross-coupling has the
greatest sensitivity to cross-coupling multiplication since this was
carried out without corresponding multiplication of the damping.
EEM has the least amount of cross-coupling and therefore shows
that there should be little concern with respect to aerodynamic
sensitivity for this specific compressor. The stability test provided
an opportunity to benchmark the different methods.

Figure 4. Worst Case Theoretical Log Decrement Based on
Different Methods.

Background—State-of-the-Art for Stability Testing

Rotor stability measurement falls into the field of experimental
modal parameter identification, also known as modal testing. This
field combines analytical models and experimental processes to
measure or, more appropriately, estimate a mode’s eigenvalues or
eigenvectors (mode shapes). The parameters needed for rotor
stability identification are those within the damped eigenvalue of
the mode of interest, typically the first forward whirling mode of
the rotor. This mode and the other underdamped modes of the
system possess a pair of complex conjugate eigenvalues or poles
of the form:

where the real part of the eigenvalue is the product of each
mode’s damping ratio z and its undamped natural frequency �n.
An underdamped mode implies that z < 1. The mode’s damped
natural frequency �d is the frequency at which the mode will freely
oscillate. Such oscillation will gradually decay if z is positive,
which signifies the mode is stable. An unstable mode possesses a
negative damping ratio and, thus, is sometimes termed as having
“negative damping.” Since z dictates the stability of the mode, it is
the parameter of primary interest.
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A mode’s damping ratio is the most basic parameter for stability
level indication and is preferred by the modal analysis and controls
communities. For machinery, API has selected log decrement, �,
as the stability metric instead of damping ratio. This is likely due
to the influence of Lund (1974), who used log decrement to
assess stability level. Log decrement can be calculated from the
underdamped modes according to:

For reference, API’s stability specification requires that a
turbomachine must possess a predicted log decrement of 0.1 or
greater. Using the above relationship, a log decrement of 0.1 equates
to a damping ratio of 0.0159, or 1.59 percent critical damping.

Unfortunately, stability measurement has received the least
attention in the field of experimental modal parameter identification.
Much of the focus has been placed on identifying natural frequencies
and, in the case of the academic community, mode shapes. There is,
however, a small body of literature where stability measurement
has been the main focus. A brief review of this body of literature
will now be presented, with a more comprehensive version
available in Cloud (2007).

As in many areas of rotordynamic testing, Newkirk led the way
when he applied impulses to the same blast furnace compressors
under scrutiny for internal friction stability problems. He stated
(Newkirk, 1924), “Three jars due to pulsations are recorded... Not
only did these jars fail to start whipping but the shaft quieted down
within 1/16 second after each jar.”While Newkirk did not actually
measure the damping ratio, Robertson (1935) recognized that it
could be estimated using the transient decay of the shaft’s vibration
due to a loading step. Haag (1946) did not measure the damping
ratio either, when he experimentally evaluated the stability of
tilting pad bearings by applying impulses to the shaft. Newkirk and
Lewis (1956) performed similar stability evaluations of fixed
geometry bearings and devised a more quantifiable impulse using
a wooden block from a pendulum.

Nearly twenty years later, Wohlrab (1976) recognized the
benefits of measuring stability level in order to determine the level
of destabilizing forces present in a rotor system. He constructed an
ingenious axial flow turbine test rig for stability measurement. A
calibrated model of this system was used to calculate the stability
versus the turbine wheel’s cross-coupled stiffness. The filtered
impulse response was then used to measure the damping ratio through
a log decrement type calculation. For a single degree of freedom
(SDOF) system like a spring-mass-damper, the log decrement can be
obtained directly from the measured impulse response:

where the response amplitude at some time, y(t0), is divided
by its corresponding amplitude after undergoing ncycle cycles
of vibration with period Td. With this stability measurement
and the sensitivity curve, Wohlrab could then estimate the
aerodynamic cross-coupled stiffness caused by the turbine
blades. This allowed him to better validate aerodynamic
cross-coupling models, instead of just relying on subjective
instability threshold techniques.

Ehrich (1980) suggested that industrial rotors could have their
stability measured during high speed balancing. Atkins and Perez
(1992) and Atkins, et al. (1990), also advocated performing
stability testing during high speed balancing operations as a way to
avoid field problems. Their testing used an electrodynamic shaker
mounted vertically on one of the bearing housings, to obtain sine
sweep frequency response functions (FRFs) while the flexible rotor

was operated at different speeds. Modal analysis techniques were
then used to curve fit the FRF data and extract the system damping
ratio based on least squares error estimation.

Jackson (1981) and Jackson and Leader (1983) performed
some cursory stability testing of several compressors during
commissioning. During surge line testing of the compressors, they
measured radial vibrations and measured the log decrement using
Equation (3). Their use of surge to excite the rotor could prove to
be a useful approach since surge testing is often done during
commissioning of compressors. Furthermore, since the differential
pressure across the compressor is maximized at surge, the labyrinth
seals’ destabilizing nature tends also to be maximized. However,
the method is dependent on the amount of force that is produced by
surge, and this varies considerably from one compressor to another.

Encouraged by the perturbation experiments of Bently and
Muszynska (1982), Kanki, et al., installed two orthogonal exciters
on the bearing pedestal of a steam turbine (1986) and compressor
(1988). Stability levels were measured versus speed and load using
two different techniques. One technique mimicked the sine
sweep FRF measurements done by Atkins and Perez (1992). In
this case, the damping ratio was estimated using an amplification
factor calculation. Commonly used for defining critical speed
separation margin requirements, amplification factor is another
SDOF technique for estimating a mode’s damping ratio from
frequency domain measurements. Amplification factor relates to
measurement according to:

A “blocking test” was performed for operation close to the stability
threshold. In this blocking test, the exciters were tuned to excite
and isolate the first mode, and then suddenly turned off. Modal
damping was measured from the resulting free decay transient
using log decrement (Equation (3)).

Using a test rotor rig that incorporated a magnetic bearing to
generate a controllable cross-coupled stiffness, Kwanka (1990,
1992) examined the stability characteristics of a rotor supported on
a fixed geometry, three lobe bearing. Kwanka found that his
measured stability performance was somewhat higher than
predicted. This discrepancy was attributed to the accuracy of the
model’s bearing coefficients. Another potential source could be the
use of Equation (3) to measure the stability due to an impulse.

During recent industrial stability tests, several investigations
have used magnetic actuators as nonsynchronous exciters
(Baumann, 1999; Moore, et al., 2002; Sorokes, et al., 2009; Bidaut,
et al., 2009), instead of pedestal mounted exciters. For these
full-scale, shop stability tests, the magnetic actuator was temporarily
mounted on the free, nondrive end of the compressor rotor. These
investigations were primarily oriented toward research and
development efforts to understand the stability impacts of
machines incorporating new and different seal designs as opposed
to testing of a base machine with normal labyrinth seal configuration,
nor were these previous tests being dictated by purchaser
specifications as acceptance tests. SDOF techniques, such as AF,
were used to estimate log decrement from the sine sweep FRF
measurements. Many of these stability measurements achieved
very high log decrement levels on the order of 1.0 and greater,
more than 10 times the minimum API required level.

The use of SDOF techniques, such as AF and log decrement
(Equation (3)), has recently been found to yield unreliable
measurements of rotor systems stability (Cloud, et al., 2009). This
primarily occurs because of the close proximity that can exist
between a pair of rotor sister modes, one with forward whirling
tendencies and the other backward, but both with similar damped
natural frequencies and shapes. For a realistic, simulated rotor
system, Figure 5 shows that, even when forward circular excitation
is applied, the backward mode can be participating in the total
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response. Such behavior is directly analogous to the well-known
fact that unbalance can excite split critical speeds, one of which is
associated with a backward mode. Even though a single peak is
present within a sine sweep FRF, multiple modes can be participating
in the response, making SDOF techniques’ underlying assumption
invalid. Therefore, a multiple degree of freedom (MDOF)
identification technique is necessary for reliably accurate rotor
stability measurements.

Figure 5. Modal Participation from Nonsynchronous Forward,
Circular Excitation. (Cloud, et al., 2009)

Significantly more complex than their SDOF counterparts,
MDOF techniques are, unfortunately, largely unfamiliar to the
industrial rotordynamics community. MDOF techniques apply
curve fitting processes to the measured data allowing identification
of multiple modes at a time. These fitting techniques eliminate the
SDOF methods’ constraint that the data are being dominated by
only a single mode.

One such MDOF method is multiple output backward
autoregression (MOBAR), which is a time domain technique that
is based on the works of Kumaresan and Tufts (1982) and Hung and
Ko (2002). Investigations by Cloud, et al. (2009), and Holopainen,
et al. (2007), have identified MOBAR as an accurate MDOF
technique for rotor stability measurements because of its ability to
handle a rotor’s close sister modes with relative ease. MOBAR
further provides a variety of benefits: only free-decay vibration
waveforms are required, no measurement of applied excitation
forces and no filtering of steady-steady vibrations are necessary.

When used in conjunction with Kanki, et al.’s (1986), blocking
type of excitation, MOBAR has provided reliable and accurate
estimates of modal damping and frequencies for both simulated
and experimental rotor systems. Such performance demonstrates
that it is sufficiently accurate to be used for stability acceptance
testing purposes and was chosen as the primary MDOF stability
measurement technique for this testing. 

DESIGN FOR STABILITY TEST

Description of Compressor
and Actuator Arrangement

The FST was performed using a magnetic shaker system overhung
from the free end of the compressor and comprising the following:

• Rotor lamination sleeve assembly

• Stator housing assembly for mounting on compressor bearing
housing

• Moveable shaker control system rack

• Shaker displacement probe system

• Axial sensor nut for test

The modified thrust end of the compressor rotor is shown in
Figure 6 consisting of shaft end taper for accepting the hydraulically
mounted rotor lamination sleeve. The shaker’s stator housing was
mounted directly to the compressor bearing housing.

Figure 6. Shaft End Electromagnetic Shaker.

As with any measurement, it is important to minimize the
effect of the measurement device on the characteristics of the
physical system. For stability tests, this means the shaker should
not dramatically change the first forward mode’s log decrement
and damped natural frequency. The addition of the shaker should
also not create any significant separation margin problems with
other modes resulting in unbalance response concerns. Table 4
indicates the addition of the shaker results in very minor changes
to the first two sister modes. More significant rotordynamic impact
is experienced by the second pair of sister modes associated with
overhung motion at the thrust end, where shaker mass is very
influential. With the shaker, these modes’ separation margin is
reduced to approximately 15 percent with MCS, which should be
sufficient for testing purposes.

Table 4. Influence of Shaker’s Presence on Lightly Damped Rotor
Modes (Average Bearing Conditions, Maximum Continuous Speed
of 13660 RPM).

Shaker Description

The primary design objectives for the shaker were the following:

• Provide sufficient force capability to excite the first forward mode
while the compressor is operating at the specified test conditions

• Minimize alteration of the compressor’s rotordynamics due to
the shaker’s additional mass and inertia

• Design for removal after shop testing, allowing a return to
baseline dynamics for field operation

The magnetic shaker system was calibrated such that it could be
used for sine sweep measurements in addition to the MOBAR
method of excitation. While no measurement of the shaker’s force is
necessary with MOBAR, the shaker’s dynamic force capacity must
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be large enough to ensure the first forward mode’s response has
adequate signal-to-noise ratio (SNR). Noise, in this case, includes
other modes being excited as well as steady-state vibrations such
as rotational speed harmonics. Nonsynchronous forced response
calculations were conducted to determine that a dynamic force
capacity of 500 lbf (2224 N) was sufficient to achieve a high SNR.

TEST PROCEDURE AND RAW DATA

The FST test points consisted of conditions used to establish the
base stability and also to establish the trend due to operation under
gas loading. This led to the following preselected conditions:

• Under vacuum at the maximum continuous speed

• Under vacuum at performance test speed

• At the guarantee point tested at the performance speed

• At the test condition closest to surge (usually 10 percent from
surge) at the performance speed

Out of the four tests selected, the first two involved vacuum
conditions to establish base log decrements where no internal seal
or impeller aerodynamic effects are present. The machine’s stability
under this “base” situation is governed by the rotor and journal
bearings alone. Internal seal and impeller effects are introduced into
the rotordynamic picture for the last two nitrogen test conditions.

A well-balanced rotor was required for the test. The rotor was
assembled and balanced to half the manufacturer’s normal tolerance
with the rotor in near test configuration including lamination sleeve
and nut assembled to the shaft, but without the actual coupling or dry
gas seals. Results of the final balanced rotor are shown in Figure 7.

Figure 7. Balance Bunker Rotor Response Plots.

The balanced rotor was assembled into the compressor casing
with dry gas seals mounted. The magnetic shaker was attached to
the thrust end of the compressor housing as shown in Figure 8.

Figure 8. Compressor Housing with Magnetic Shaker.

During slow roll, the magnetic shaker system, all instrumentation,
and the data collection were verified to be operational and acceptable.
A series of critical speed pass traversals was performed to rub-in the
abradable seals. Test data were then taken in accordance with Table 5.
For each operating point, the compressor was operated until machine
characteristics such as pressures, temperatures, flow rates, bearing
temperatures, and the shaft centerline position reached steady state.

Table 5. Design and Test Conditions.

Using the shaker, two different types of tests were conducted on
the compressor, blocking and stepped sine testing. Blocking testing
involved capturing time transient waveforms of the compressor’s
vibration. With stepped sine testing, frequency response functions
were recorded measuring vibration response relative to the applied
shaker force across a range of frequencies. More details on these
two testing scenarios will be provided shortly.

Six proximity probe channels were acquired during the testing,
two at the shaker and four at the compressor’s journal bearings. The
four currents sent to the shaker were also recorded. All signals were
acquired digitally using a commercially available analyzer system.

To ensure accurate testing, it is important that the shaker’s
electromagnetic force does not apply any additional static loading
on the compressor’s journal bearings. This was accomplished by
adjusting the bias currents supplied to the shaker’s four quadrants.
At each of the operating test points, the journal bearing’s shaft
centerlines were observed with and without the shaker activated to
verify no centerline movement and, thus, no additional static loading.

Blocking Testing

This type of testing involved tuning the shaker to excite and
isolate a particular mode of vibration, and then suddenly turning
the shaker off. Using the resulting transient free decay of the shaft
vibrations, the mode of interest’s stability can be measured. 

At each operating point, the blocking frequency and direction
were chosen based on a preliminary sine sweep of a relatively
narrow frequency range. Using the selected blocking parameters,
the shaker applied excitation for approximately five seconds, and
then time transient vibration and current signals were recorded
upon blocking deactivation.

To excite the forward mode, forward circular excitation at 100 to
106 Hz were the chosen blocking parameters, while backward
circular excitation at 97 to 105 Hz was selected for the backward
mode. For forward circular excitation, the resulting time transients
at each operating point were recorded for 30 blocking tests. Five
tests were recorded for backward circular excitation. All current
and vibration signals were acquired simultaneously. Each set of 35
blocking tests took approximately 15 minutes to perform.

Figures 9 and 10 present some example time transients captured
during blocking testing under vacuum at the performance test
speed and maximum continuous speed. For simplicity, only the
x-direction probes are displayed at the three planes. During
blocking, the vibration amplitudes at the shaker and bearings are
well above their steady-state levels, producing high SNR. This high
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SNR suggests the response of the mode of interest, the first forward
mode, is very good and should yield accurate estimates of its
stability level.

Figure 9. Probe Transient Waveforms with Forward Circular
Excitation, Test Point #1. (Vacuum, 7900 RPM)

Figure 10. Probe Transient Waveforms with Forward Circular
Excitation, Test Point #2. (Vacuum, 13660 RPM)

Comparing Figures 9 and 10, the decay time at the second
operating point (13660 rpm) is significantly longer than the first
operating point’s (7900 rpm). This indicates a significant decrease
in the first forward mode’s stability between the two operating
points. Similar behavior was observed for the first backward mode,
which is the primary mode being excited during backward blocking.

Stepped Sine Testing

As done in several recently published stability testing investigations,
this type of testing involved the shaker applying nonsynchronous
excitation across a frequency range where the primary modes of
interest exist. At each frequency, the compliances are measured
based on the probes’ vibration response and the applied shaker
force. The force being applied is determined using the shaker’s
measured currents and rotor displacements along with the shaker’s
calibrated force model. 

At each operating point, compliance frequency response
functions were captured from 30 to 170 Hz. Two sets of single
input, multiple output (SIMO) FRFs were obtained at each
operating point, one set being associated with shaking horizontally
(SIMOX) and the other shaking vertically (SIMOY). Compliance
was calculated for all six proximity probes. At each operating
point, it took approximately 30 minutes to complete the stepped
sine testing. 

The measured compliance FRFs for the first operating point are
presented in Figure 11. The unusual magnitude and phase behavior
around 130 Hz is associated with the running speed of the compressor

(131.6 Hz), which corrupts the compliance measurement for
neighboring frequencies. The peaks and phase shifts around 105 Hz
are associated with the primary modes of interest, the first forward
and backward modes. These peaks and phase shifts become more
dramatic in Figure 12 for the measured FRFs at maximum continuous
speed. As with the time transient results, this behavior indicates the
decrease in first forward mode’s stability with increasing speed.

Figure 11. Measured FRFs Due to Vertical Shaker Force (Test Point
#1: Vacuum, 7900 RPM).

Figure 12. Measured FRFs Due to Vertical Shaker Force (Test Point
#2: Vacuum, 13660 RPM).
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Upon conclusion of the stability testing process, the shaker,
shrunk-on sleeve, and end nut were removed. The compressor was
placed in its design condition, and the mechanical test was
performed prior to the unit’s final shipment.

EXPERIMENTAL RESULTS

The MOBAR data reduction method was used to estimate the
stability characteristics of the first forward and backward modes.
During the analysis process for each particular blocking test,
MOBAR identified other modes in addition to the mode being
excited by the blocking. Some examples of these are shown in
Figure 13 for the case of backward blocking at operating point #2.
Even though backward circular excitation was applied, MOBAR
identified both the first forward and first backward modes. While
the first forward mode’s damping is slightly off relative to its forward
blocking estimate, its presence signifies that it is participating in the
response. The fact that MOBAR is able to identify the forward mode
leads to greater confidence in the backward mode estimates.

Figure 13. Measured Modal Parameters with Backward Blocking
(Test Point #2: Vacuum, 13660 RPM).

Figure 13 also shows that the rotor’s running speed is identified
as an undamped mode (�=0) at 13660 cpm. In some cases,
additional running speed harmonics were identified such as the
mode identified near 19000 cpm. This is likely associated with one
of the rotor’s second mode sisters. This second mode is dominated
by motion at the compressor’s nondrive, thrust end where the
shaker is mounted. Therefore, it is reasonable to see this mode
participating in the response when forcing at the shaker.

For validation purposes, estimation of the first forward and
backward modes’ stability was also performed using the compliance
FRFs measured during stepped sine testing. Each set of SIMO
FRFs (six in each set, one for each vibration probe) for a particular
shaker input direction was analyzed using a commercial MDOF
curve fitting technique (Ljung, 2005). The identification process
involves simultaneously curve fitting the six FRFs, producing one
identified model of the entire system comprising several modes.

Figure 14 shows an example of one of the resulting curve fit models
versus the measured FRFs. For simplicity, not all the measured FRF
data points and only the compliance magnitudes are presented. These
FRFs correspond to the ones shown earlier in Figure 11 for the first
operating point with vertical excitation. As the results in Figure 14
indicate, the identification process produces a model that very closely
agrees with the measurements for all six probe FRFs. Because of the
running speed’s presence in the FRF range, compliance measurements
around 130 Hz were not used in the curve fitting process.

Figure 14. Curve Fit Model Versus Measured FRFs, Test Point #1
(Vacuum, 7900 RPM).

A summary of the resulting log decrement (�) and damped
natural frequency (�d) estimates for the first forward and backward
modes are presented in Tables 6 and 7 including both MOBAR and
FRF (SIMO) techniques. For the first forward mode, the MOBAR
estimates’ confidence intervals (95 percent) were ± 0.003 for log
decrement and ± 7 cpm for damped natural frequency.

Table 6. First Forward Mode Estimates.

Table 7. First Backward Mode Estimates.
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Tables 6 and 7 indicate the very close agreement between the
MOBAR and FRF estimates. Such close agreement between these
two MDOF identification techniques provides high confidence in
the accuracy of the measurements. As expected from the time
transients in Figures 9 and 10, the base stability of the first forward
mode decreases with speed from �=0.233 at 7900 rpm (test point
#1) to �=0.122 at 13660 rpm (test point #2). The backward mode
experiences a similar decline in base stability with speed, even
though it is significantly more stable than its sister forward mode.

THEORY VERSUS EXPERIMENT

Figures 15 and 16 present the base stability correlations for the
first forward and backward modes, respectively. Prediction ranges
are based on the bearings’ measured assembly clearances and oil
temperatures in Table 5 including the tolerances listed therein.
While limited in the number of speeds tested, the prediction trend
correlated well with the measurement trend. The first forward
mode’s log decrement was overestimated whereas the first
backward mode’s log decrement is significantly underestimated
by the prediction. Both modes’ damped natural frequencies are
accurately predicted within a range of 60 cpm (1 Hz).

Figure 15. Log Decrement Measurement Versus Prediction under
Vacuum, Forward Modes (Test Points 1 and 2).

Figure 16. Log Decrement Measurement Versus Prediction under
Vacuum, Backward Modes (Test Points 1 and 2).

A surprising outcome of the test was the increasing level of
stability when operating the compressor with gas as shown in Figure
17. At 7900 rpm operation, the compressor’s measured logarithmic
decrement improved from �=0.233 under vacuum (test point #1) to
�=0.266 at maximum power (test point #3), and further to �=0.280
at the operating point nearest surge (test point #4). In addition to
the stability increasing under the nitrogen test condtions, the bias
difference between the measurement and the model decreased such
that the prediction and the measurement were convergent under
these conditions. Fundamentally, the models predicted the nitrogen
conditions better than the base stability conditions.

Figure 17. Log Decrement Measurement Versus Prediction (Test
Points 1, 3, and 4: 7900 RPM).

Further examination of the stability prediction showed that the
improvement in measured stability was due, in part, to the increasing oil
inlet temperature, which is shown in Figure 18 to have a positive effect
on the log decrement numbers that is comparable to the cross-coupling
effect. The convergence could be due to a combination of three factors:

• Effective system damping at the bearings due to the slight
increase in oil inlet temperature was higher than predicted,

• Labyrinth seal coefficients provided more stability through principal
damping than instability due to cross-coupling forces, and/or

• Overall bulk cross-coupling was less than predicted.

Figure 18. Log Decrement Versus Oil Supply Temperature and
Cross-Coupling.

ACCEPTABILITY

The acceptability of the compressor was determined by adjusting the
predicted log decrements in relation to the measured. Two methods were
explored, one correcting for any bias present in the first forward mode’s
base stability at MCS, and the other correcting for the machine’s relative
sensitivity to destabilizing forces. MOBAR’s stability measurements
were used for all corrections and acceptance decisions.
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The first method was to perform a simple bias shift as based on
the stability results measured at the maximum continuous speed. In
this case, test point 2 in Table 8 was used to calculate the shift. This
test point coincides with the single operating speed of 13660 rpm
and is therefore the most appropriate data point for shifting the
curves while under vacuum. The required bias shift is shown
graphically in Figure 19 where the estimated log decrement was
less than prediction for the test configuration. Based on these
results, all curves should be shifted downward by 0.021, which was
!14.7 percent of the prediction. The resulting bias adjusted stability
figures for the worst case bearing clearance are shown in Figure 20,
which indicates that the compressor would be stable with worst
case log decrement ranging from 0.023 to 0.062 depending on the
method being considered (API Level 1, Level 2, or EEM).

Table 8. Design and Test Conditions.

Figure 19. Log Decrements Based on Test Configuration at 13660
RPM with Measurements.

Figure 20. Adjusted Worst Case Log Decrements after Bias Shift
Calculated from Test Point 2.

A second method of acceptance was to consider the log decrement
sensitivity as determined from stability tests performed at the
different performance test conditions and examining the slope of
each curve. Figure 21 provides results for test points 1, 3, and 4
using the three different methods for predicting the destabilizing
forces. The kinks in the trends were due to variation in the oil inlet
temperature, which drifted from 115 to 121.5�F between test points
1, 3, and 4, as noted in Table 5. Regardless of the method for stability
prediction, the prediction and measurement were converging,
thereby resulting in a reduction in the negative slope of the log
decrement versus aerodynamic cross-coupling curve. The minimum
slope corrections were calculated based on the following equation
for API Level 1 and API Level 2 predictions:

For EEM, the minimum slope correction was calculated as:

Figure 21. Log Decrement, Test Configuration, Based on Test Points
1, 3, and 4 (7900 RPM).

The curve that trended the best was the EEM curve, which
required the least amount of slope correction. Results are
tabulated in Table 9, and the true estimated log decrements are
calculated by extrapolation for the three prediction methods.
Based on slope correction, the worst case log decrements would
be 0.143 for API Level 1, 0.117 for API Level 2, and 0.117 for
EEM. Slope correction methods were expected to provide only a
slight positive or negative change in the overall logarithmic
decrement versus cross-coupling curve, but in practice, these
methods yielded a large positive change in the curve due to
improving logarithmic decrement under gas loading and changing
oil inlet temperature (Figures 17 and 18); enough to call such
slope correction methods into question for future tests. Another
possible method for using performance test points #3 and #4
could be to calculate a second bias shift, which would be !.025
for API Level 1, !.019 for API Level 2, and !.031 for EEM. These
results are further shown in Table 9. Overall, the slope correction
method does provide additional confidence that the compressor
will be stable under operation, since it indicates that the bias
corrections are worst case.

Table 9. Slope Corrections and Final Log Decrements.
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CONCLUSION

A user-specified factory stability test was performed during
a compressor shop order using a removable electromagnetic
shaker. Four different operating points were tested: two during the
mechanical run test and two during the ASME PTC-10 Type II
performance test. Two multiple degree of freedom measurement
techniques, one in the time domain and one in the frequency
domain, were used to measure the first forward and first
backward modes’ log decrement and damped natural frequency at
each test point. 

With objectives directly analogous to an API unbalance response
verification test, factory stability testing provides additional
confidence that the compressor will be rotordynamically stable
over the full range of field operation. Such testing can be
performed whenever analytical predictions indicate machine
operation close to industrial design limits or for machinery in
critical or high instability risk services. Some of the findings were
as follows:

• The first forward and backward modes were successfully
measured as demonstrated by the consistency of the identified
modal parameters using two techniques.

• The base log decrement of the first forward mode was slightly
overpredicted by a bias amount of 0.021 (14.7 percent) at the
maximum continuous speed of 13660 rpm, while the first
backward mode’s stability was significantly underpredicted by a
bias amount of 0.113.

• The damped natural frequencies of both the first forward and
backward modes were accurately predicted by the rotordynamic model.

• For the two nitrogen test points, the first forward mode’s
stability increased from its base stability level under vacuum. This
was attributed, in part, to the increasing inlet oil temperature, but
also appears to be due to additional effective damping at the
labyrinth seals. 

• The OEM’s empirical method of stability prediction yielded the
best trending.

• The order of conservatism for the analysis methods is known to
depend on the compressor that is being analyzed along with its
service. For this particular compressor selection, the API Level 2
method, as used by the OEM, provided the most conservative
amount of effective destabilizing cross-coupling.

• All three methods overestimate the base stability yet end up
only slightly overpredicting the stability of the nitrogen
conditions. This is likely due to a combination of increased
effective bearing damping from increasing inlet oil temperature
and also due to error in the prediction of the destabilizing effect
under the nitrogen conditions. The API Level 2 approach could
be the most appropriate for accounting for the difference
between test and prediction since it accounts for damping within
the seals. 

• Further detailed examination of compressor stability characteristics
under gas loading is needed to fully understand the destabilizing
forces that are present, and this is recommended as based on the
improvement in log decrement under condition of gas loading and
increasing oil inlet temperature. 

• Unfortunately, this specific machine had similar stability results
for all three prediction techniques making it difficult to distinguish
the best method of modeling. The further performance of such
stability tests will hopefully yield more insight into modeling
methods and accuracy.

• After applying model correction by either bias or curve shift, the
results indicate that the compressor will be stable over the full
range of operation.

NOMENCLATURE

AF = Amplification factor
C = Seal damping matrix (cxx, cxy, cyx, cyy) determined

analytically for each seal
CSR = Critical speed ratio, {(max cont speed)/(first critical

speed on rigid support)}
EEM = Elliott empirical method of cross-coupling prediction
FRF = Forced response function
j = !1
K = Seal stiffness matrix (kxx, kxy, kyx, kyy) determined

analytically for each seal
MDOF = Multiple degree of freedom
MOBAR = Multiple output backward autoregression
Ps = Pressure at the compressor suction (inlet)
Pd = Pressure at the compressor discharge
Q = Total cross-coupling stiffness by different methods
qAPI = Cross-coupling stiffness for each stage as defined

by API Level 1
QA1 = Total cross-coupling stiffness by API Level 1, SqAPI
QA2 = Total cross-coupling stiffness by API Level 2, Skxy
qEEM = Cross-coupling stiffness for each stage as defined

by OEM’s empirical method
QEEM = Total cross-coupling stiffness by EEM, SqEEM
SDOF = Single degree of freedom
SIMO = Single input multiple output
SNR = Signal-to-noise ratio
Ts = Temperature at the compressor suction (inlet)
Td = Temperature at the compressor discharge
� = Logarithmic decrement
�1F = Logarithmic decrement, first forward mode
�1B = Logarithmic decrement, first backward mode
l = Eigenvalue
rAVE = Average gas density across the rotor
�n = Undamped natural frequency
�d = Damped natural frequency
�d1F = Damped natural frequency, first forward mode
�d1B = Damped natural frequency, first backward mode
z = Damping ratio
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